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Forced convective heat transfer in lightweight sandwich-walled cylinders with quadrangle core (I type)
and triangle cores (V, N, W and M type) was investigated experimentally, numerically and theoretically,
targeting multifunctional applications (e.g., combustion chamber) requiring simultaneous load bearing
and heat dissipation. Sandwich-walled cylinder with the N type core was fabricated using 3D-printing
technology. Forced convection experiments were carried out to validate numerical simulation results and
to reveal varying flow stages in the channels of the sandwich wall. Flow in these channels changed from
laminar (Re < 2200), transition (2200 < Re < 4100) to vigorous turbulence stage (Re > 4100) as the
Reynolds number was increased. With the total heat dissipation area fixed, the heat transfer performance
of the quadrilateral core (I type) was better than triangular cores (V, N, W and M type). Among the
triangular cores, those with homogeneous pore structure (V and N) exhibited superior heat transfer per-
formance in comparison with the nonhomogeneous ones (W and M type). The optimal number of unit
cells for each core type was determined using the theory of intersection-of-asymptotes. With the unit
cell number optimized for each core, the I core exhibited the best heat dissipation performance while
the M core had the worst. Under structural loading, however, the buckling resistance of the I core was
not as good as the triangular ones. Thermal and mechanical synergy must be considered in the selection
of sandwich core topology for multifunctional applications.

© 2019 Elsevier Ltd. All rights reserved.

1. Introduction

1950 K high temperature and 2.5-3.0 MPa high pressure [2]. The
increasingly harsh working environment puts forward demanding

In aerospace, power systems, transportation and other major
engineering fields, the main structural components often need to
withstand extremely high heat flux and pressure load [1]. For ex-
ample, it is essential for the combustion chamber of a Pulse Det-
onation Engine to organize efficient combustion under high tem-
perature and high pressure to convert the chemical energy of fuel
into thermal energy. The wall of a rocket engine combustion cham-
ber with a thrust-weight ratio of 10 needs to withstand 1850-
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requirements for materials and structure design. In particular, with
traditional laminate structures, it is difficult to meet the multi-
functional requirement of simultaneous load bearing, heat dissi-
pation and lightweight. Sandwich structures with high stiffness,
lightweight, efficient heat transfer and other multifunctional at-
tributes have great potential in this field [3,4]. Especially, the appli-
cation of sandwich-walled cylinders in combustion chambers can
not only effectively reduce structural weight, but also enable ac-
tive cooling by fluid convection in the sandwich cores [5].

While multifunctional design of lightweight sandwich struc-
tures has been a long-standing research topic [1], the selection
and design of a suitable sandwich core is the key to meet the
multifunctional requirements. The core structure is versatile and
can be individually designed to meet specific requirements [6]. On
the other hand, in recent years, the rapid development of metal
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Nomenclature

R; inner radius of sandwich-walled cylinder

Ry outer radius of sandwich-walled cylinder

tr facesheet thickness

te core thickness

L axial length of sandwich-walled cylinder
number of unit cells

St total heat dissipation area

D hydraulic diameter

h overall heat transfer coefficient of the sandwich-
walled cylinder

Tyin average inner facesheet temperature of sandwich-

walled cylinder at entrance
Ty middle average inner facesheet temperature of sandwich-
walled cylinder at midpoint

Tw,out average inner facesheet temperature of sandwich-
walled cylinder at exit

Tin temperature of cooling air at entrance

Tt out average temperature of cooling air at exit

Nu Nusselt number

Re Reynolds number

f flow friction factor

Ap pressure difference between inlet and outlet

u average flow velocity

Cp specific heat of air

k thermal conductivity

Pr Prandtl number

Wy appointed flow velocity at channel entrance

(wa=€pU)
q heat flux applied on inner facesheet
S cross-sectional area of duct
C wet circumference of duct
M total mass flow rate
P total pumping power

qo equivalent heat flux applied uniformly on wetted
surface

Ty average temperature of channel wall at outlet

AT average temperature rise of channel wall at outlet

Greek Symbols

&p porosity

0 radian of unit cells

v kinematic viscosity of air

P density of air

uw dynamic viscosity of air

o turbulent viscous coefficient
n turbulent diffusion coefficient
v flow shape factor of duct

Tw average wall shear stress
Subscripts

u upper duct

d lower duct

1 Limit I: fully developed case
2 Limit II: boundary layer case

3D-printing technology has facilitated the manufacture of complex
cores [7], thus laying a solid foundation for the integrated design of
load capacity and heat dissipation for all-metallic sandwich struc-
tures.

In the field of mechanical design, the load capacity of a tri-
angular core (such as ripple, diamond, etc.) is better than that
of a quadrilateral core (such as I core and the like) having the
same mass. This is because deformation of the triangular core is

dominated by tension or compression rather than bending for the
quadrilateral core [8]. Su et al. [9] designed and manufactured an
all-metallic triangular-cored sandwich cylindrical shell, and stud-
ied its quasi-static axial compression behavior through experimen-
tal measurement, numerical simulation and theoretical modeling.
It was demonstrated that sandwich-walled shells with triangu-
lar cores had superior energy absorption capacity than monolithic
shells. However, under out-of-plane compressive load, the triangu-
lar core is prone to elastic-plastic buckling at relatively small strain
[10] and, as a consequence, its load capacity decreases rapidly. By
adding I-type ribs into the triangular core to construct a hybrid
triangular-quadrilateral core, the buckling resistance can be effec-
tively enhanced. The Y-shaped sandwich core, as one of the tri-
angular and quadrilateral hybrid cores, was first proposed to im-
prove the crashworthiness of a ship hull by welding steel plates
on the outer side of a corrugated core, which has been proven
through full scale tests to have a significantly higher resistance to
tearing than the conventional single skin design [11]. Rubino et al.
[12] studied the three-point bending behavior of triangular corru-
gated sandwich beams and Y-shaped core sandwich beams. It was
found that the two sandwich structures exhibit equivalent bending
performance, and their initial failure strengths under bending load
are determined by indentation buckling of the core.

In terms of heat transfer characteristics, the existing litera-
ture has mainly focused on the heat transfer and flow resistance
characteristics of honeycomb [13], rectangle [14], triangle [3] and
other core types [15] in sandwich plate configurations. For exam-
ple, based on the classical fin approach, Lu [13] evaluated the con-
vective heat transfer performance of honeycomb-cored sandwich
panels as heat sink for active cooling of power electronics. Zhao
and Lu [14] used both the porous medium model and the fin ap-
proach to study the heat transfer performance of microchannel
heat sinks (I-type core). Xie et al. [3] analyzed the flow and heat
transfer characteristics of an actively cooled thermal protection
system with corrugated sandwich plates. Wen et al. [16] used the
intersection-of-asymptotes method to optimize the forced convec-
tion heat transfer of various two-dimensional cores of all-metallic
sandwich panels at fixed pumping power.

Existing heat transfer studies were limited to flat sandwich pan-
els except for the study of Liu et al. [5] and Wang et al. [17] on
sandwich-walled cylinders. Although Wen et al. [16] and Liu et al.
[5] have both utilized the intersection-of-asymptotes method first
proposed by Bejan [18] to study the heat dissipation capacity of
sandwich structures, they only considered constant wall tempera-
ture boundary condition. Theoretical heat dissipation analysis for
sandwich structures under constant heat flux boundary condition
is rare. Strictly, in real working environment the exact bound-
ary condition of a combustion chamber wall should be neither
constant temperature nor constant heat flux, but in between the
two. Existing literature studies showed that the constant heat flux
boundary condition is more close to real situation than the con-
stant temperature boundary condition [19,20], as significant tem-
perature gradient exists along the streamwise direction of coolant
flow in the combustion chamber. Further, there exists no exper-
imental study on heat transfer and flow resistance of sandwich-
walled cylinders [17]. In addition, albeit hybrid cores combining
triangular and I-type cores have been demonstrated to possess ex-
cellent mechanical attributes such as load capacity and buckling
resistance, their heat transfer performance is yet investigated. As
a result, the multifunctional design of sandwich-walled cylinders
remains elusive.

To address the above-mentioned deficiency, forced convective
heat transfer characteristics of sandwich-walled cylinders heated
by constant heat flux on the inner wall were considered in the
current study, as depicted in Fig. 1. A combined experimental, nu-
merical and theoretical approach was employed. Particular empha-
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Fig. 1. Schematic of forced convective heat transfer in sandwich-walled cylinder.

sis was placed upon quantifying the influence of pore shape and
pore distribution on overall heat transfer and selecting the best
core topology for maximal performance.

2. Selection of core topology for sandwich-walled cylinders

The application background of the study is the combustion
chamber of a rocket engine, which can be regarded as a typical
sandwich-walled cylinder structure with the “I” type of core [20-
22]. However, the “I” core is more likely to buckle subjected to
compressive loading and its shear strength is weaker compared
to the corrugation (V type) core [11,23]. By adding the I-type ribs
into the V core, three derived corrugation cores (i.e. N, W and M
core) were also designed as shown in Fig. 2, which may further
improve the mechanical properties of sandwich-walled cylinders.
Due to the excellent thermal and mechanical attributes of the five
core types (i.e. I, V, N, W and M cores), they are potential candi-
dates to be selected as the core of sandwich-walled cylinders for
lightweight combustion chambers. In this study, the thermal per-
formance of sandwich-walled cylinders with the five cores were
systematically investigated and compared with each other as the
first step of the thermo-mechanical multifunctional design.

Key characteristics of the five core types were summarized be-
low, as:

(1) The shape of the unit cell shape for the V, N, W and M core
types was triangular, but quadrilateral for the I core.

(2) The N, W and M cores can be regarded as three subtypes de-
rived by adding I ribs at the inner and outer apex angles of the
V core.

(3) In terms of structural homogeneity, the pore sizes of the I, V
and N cores were uniform along the circumference; whereas
the W and M cores had non-uniform pore sizes.

The independent geometric parameters of the proposed
sandwich-walled cylinders include: inner radius R;, outer radius
Rg, facesheet thickness t, core thickness t, radian of circumferen-
tial minimum repetitive element 6, and axial length of cylinder L.
Among them, 6 can be converted from the total number of cir-
cumferential maximum repetitive elements n, as 6 = /n. The to-
tal number of circumferential maximum repetitive units (n) was
the main variable in the current study. For convenience of expres-
sion, the labeling method of "core type-total number of circum-
ferential maximum repetitive units" was used to refer to a specific
sandwich-walled cylinder (e.g. "I-61” refers to the I cored sandwich
structure with 61 units).

The derivation process of porosity &, total heat dissipation area
S, and hydraulic diameter D for each core topology was detailed in
the Appendix. Explicit expressions of these parameters were listed
in Table 1.

3. Forced convective heat transfer experiment
3.1. Sample preparation

To validate the numerical and theoretical models, a sandwich-
walled cylinder made of aluminum alloy with inner radius 30 mm,
outer radius 40 mm and axial length 100 mm was fabricated us-
ing 3D-printing, as displayed in Fig. 3. Specifically, aluminum alloy
(AlSi10Mg) powder with particle size 1-50 um was used to con-
struct the entire structure via powder laying and laser sintering in
the 3D printer (Liantai™ 660). The hydraulic diameter of the N-
type core channel was 1.6 mm, comparable to the hydraulic diam-
eter of microchannel heat sinks (~ 1 mm) [24]. Table 2 listed the
geometric parameters of the printed sample. In this study, the ra-
dian of circumferential minimum repetitive element 8 was selected
as a variable, while the other independent geometric parameters
were all fixed. In this study, the radian of circumferential mini-
mum repetitive element & was selected as a variable, while the
other independent geometric parameters were all fixed. It is worth
noting that the sample may shrink to a certain extent during the
3D printing process, which was found to be less than 0.18 mm. The
final measured sizes of the additively manufactured sample (N-15)
were used in the data reduction, which were shown along with the
corresponding design values in Table 2.

3.2. Experimental apparatus

As shown in Fig. 4, the experimental system for forced con-
vective heat transfer was composed of seven parts (from left to
right): turbine fan, heat exchanger, orifice meter, setting chamber,
inlet section, test section and outlet section. The air blown by the
turbine fan, after being cooled to room temperature via the heat
exchanger, passed through the orifice meter and the setting cham-
ber, then entered into the test sample after the inlet section, and
finally discharged into the environment.

In the test section, the sandwich-walled cylinder sample was
housed in a sleeve made of resin having the same axial length. Its
inner facesheet was bonded with heating pads to provide constant
heat flux boundary condition, and insulation foam was wrapped
outside the sleeve and filled inside the cylinder to minimize heat
loss. To ensure smooth flow at entry/exit of the annular channel
of test sample, an annular channel supporting part and a central
cylinder rod were designed at the inlet section, as shown in Fig. 4.
At the same time, the inner radius of the sleeve was purposely de-
signed to be different from the outer radius of the cylinder by a
facesheet thickness, so as to avoid disturbance of flow in the an-
nular channel. Eight T-type thermocouples were evenly embedded
in the slots excavated in the inner facesheet, six of which were ar-
ranged separately along the circumferential direction at the inlet
and outlet to check the uniformity of circumferential temperature.
All the thermocouple wires were extended from the inner cavity
of the outlet section and connected to the temperature acquisition
device (Agilent™ 34970A). To monitor the air temperature and
pressure at the entry and exit, several thermocouples and pressure
tapping were located in the inlet and outlet sections, respectively.
A polymer foam matrix was placed downstream the sample to mix
the flow leaving the sample, so that the average air temperature at
the exit could be measured.

3.3. Parameters definition

The overall heat transfer coefficient of the present sandwich-
walled cylinder was defined as [25]:

Qin

h=
A[(Tw.in + Tw,middle + Tw,out)/3 - Tfjn]

(1)
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(d) W core

(e) M core

Fig. 2. Schematic of five sandwich-walled cylinders with different core topologies.

Table 1

Geometric parameters of core topologies for sandwich-walled cylinders.

Core type  Unit cell Porosity ¢  Total heat dissipation area S;  Hydraulic diameter D
I core (}%SERF?“)Q nCeranl ‘gi;c:}

v core ZEIS‘%FEEZS;{“’J : nCcF,lJ.EF.IHL 4(35:;:.:“)

N core 222?7;’25;21) 2n(Cerc + Gay)L 4&‘";2“3513”

weor W GO e

M core ZZ;%FE;?S;;J) 2n(Cers +C )L 425::?95.:':)

Table 2

Geometric parameters of sandwich-walled cylinder (N-15) manufactured by 3D-printing.

Inner radius R; (mm) Outer radius Ry (mm) Facesheet thickness tr (mm) Core thickness t. (mm) Axial length L (mm) Hydraulic diameter D (mm)

Design 15.00 21.50 1.50
Measured 14.91 21.44 1.52

0.80 100.00 1.60
0.82 99.86 1.58

(b)

Fig. 3. Sandwich-walled cylinder manufactured via 3D-printing: (a) holistic view;

(b) top view.

where Tyin, Ty middie and Twoue Were the average temperatures of
the inner facesheet at the entrance, the midpoint and the exit, re-
spectively. Ty;, was the temperature of cooling air at the entrance
(~ 300 K). Tf,yr Was the average temperature of air at the exit. Nus-
selt number of heat transfer was defined as:

hD

The flow friction factor and the Reynolds number were defined
as:

= Ui (3)
Re = UD/v (4)
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Fig. 4. Schematic of forced convection experimental apparatus.

where Ap was the pressure difference between the inlet and out-
let, D was the hydraulic diameter of the sample duct, v is the kine-
matic viscosity of air, and U was the average flow velocity in sam-
ple duct.

3.4. Uncertainty analysis

To calculate the uncertainty of combined variables, it is nec-
essary to determine the uncertainty of direct measurements such
as pressure, temperature and length. Experimental error sources
in the study included three aspects: thermal power measure-
ment, thermocouple reading and geometric measurement [26,27].
According to Kline and McClintock [28], the uncertainty of heat
transfer coefficient and the flow friction factor defined by (1) and
(3) can be calculated respectively as:

4. Numerical simulation

4.1. Computational domain, governing equations and boundary
conditions

The sandwich-walled cylinder was made of aluminum alloy,
and the cooling fluid was dry air at room temperature (300 K). The
annular flow region was divided into independent straight ducts
by cores having different cross-sectional shapes. Due to periodicity
and symmetry along the circumferential direction of the cylinder,
the computational domain was chosen as an annular minimum re-
peating unit, as shown in Fig. 5.

Experimental observations of Eckert and Irvine [29] revealed
that the transition from laminar to turbulent flow happens at
Re = 1000 for a duct with triangular cross-section of an apex angle
of 11.5°. For V-shaped finned internally tube with 20 unit cells, it
was also found [30] that flow transition occurs at about Re = 600.

(‘STw,in)2 + ((STw,middle‘)2 + (STW,Out)2

1) Tf’ in

Sh 80\ (sA\> 1

m-d\a. ) F\a) te 2
n [(Tw,in + Tw,middle + Tw,out)/3 - Tf,in]

5 _ [(8ap)", (MY, (8D\' (L)' (2ssY’

FVy\ap) "\ ) ) T\T) T\

(6)

The error of voltage and current supplied by DC power supply
was 0.5%, so the error of thermal power input was 1.5%. The mea-
surement error of facesheet area A was about 1%. The reading error
of thermocouples was 0.3 °C. Typical temperature difference in the
experiments was about 30 K, so the error of temperature measure-
ments was 1%. Based on the above values, the error of heat transfer
coefficient was evaluated to be 2.14% according to (5).

The typical pressure difference Ap during the experiment was
in the order of 100 Pa, and its measurement uncertainty was about
1 Pa, so its error was estimated to be 1%. The mass flow rate M
during the experiment was on the order of 1 x 10~3 kg/s, while
its measurement uncertainty was about 1 x 10-6 kg/s, so its error
was 1%. The geometric measurement errors of hydraulic diameter
D, axial length L and cross-sectional area of duct S were 0.5%, 1%
and 2% respectively. Based on the above values, the error of flow
friction factor was evaluated to be 3.32% according to (6).

(5)
(Tw,in + Tw,middle + Tw,out)/?’ - Tf,in

The Reynolds number in the current study has been tested in the
range of 100-5000, which may cover laminar, transitional and tur-
bulent flow regions. Therefore, the numerical simulations applied
both the laminar flow model and the k-¢ turbulence model, and
the calculation results of the two models were compared with
experimental measurements. Other assumptions adopted for per-
forming the numerical simulation included:

(1) The flow was three-dimensional, incompressible and steady
with no viscous dissipation;
(2) Thermal properties of fluid and solid were constant;

Based on these assumptions, the governing equations of the nu-
merical model were [31]:

Symmetry Adiabatic Pressure outlet

Velocity inlet

Uniform

Fl i i
ow direction heat flux

Fig. 5. Computational domain for forced convection in sandwich-walled cylinder.
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Table 3
Thermal properties adopted in numerical simulation.

Density p (kgem—3)

Specific heat ¢, (Jekg~' oK)

Dynamic viscosity x (Paes)  Thermal conductivity k (Wem~TeK)

Air 1.225 1006.43
Aluminum alloy - -

1.7894 x 10> 0.0242
- 110

Continuity equation:

8Uj

Momentum equations:

0 L ap 0 ou; ——\ .
—axj (pujuj) = “ax + 78){]- (Maxj —pu';)(i=1,2,3)
(8)

Energy equation:

ad 0 (kooT ——
aij(,ouﬂ-) = 8Xj<Canj —pu jT> (9)

where p, ¢p, 4 and k were the density, specific heat, dynamic vis-
cosity and thermal conductivity of air, respectively. Relevant values
were listed in Table 3.

The Reynolds-averaging equations were employed to deal with
turbulence, where pu’;u’; was the Reynolds stress generated by in-
stantaneous pulsating flow, and pu’;T" was the additional term of
turbulence pulsation of temperature. The Reynolds stress was re-
lated to the average velocity gradient using vortex viscosity coeffi-
cient according to the Boussinesq hypothesis, as:

- 2 ou; 2
—,ou’l-u’j =Tjj = Mt (251']' - 38X:61]> - §pk811 (10)
where S;; was the strain rate tensor satisfying:
1 8ui 3uj
Sij_2<axj+axi (11)

The temperature transmitted by turbulence pulsation was re-
lated to the time-averaging parameters via:

— 0T
—pu/jT/:rtaij (12)

In the above equations, @ was the turbulent viscous coefficient,
and I+ was the turbulent diffusion coefficient.

The standard k-¢ turbulent model was chosen to evaluate the
turbulent viscous coefficient, as:

Turbulent kinetic energy equation:

ok o, 0k _ 3 < +&)% LY LTRNCLTA TP
Par TP T ax; | \F o Jax; | THax \ox, T ax ) °

(13)

Turbulence dissipation equation:

L ( +&>i€ Lae ) Ow (Du dup) o e?
P "8xk_8xj ® oe ) 0y k Mtan ax; ' Ax 2P
(14)

The turbulence viscosity and turbulent diffusion coefficient
could then be evaluated as:
2
Ke =Pl (15)

K e
Ft_Pr+O'[ (16)

where o was the turbulent Pr number related to the temperature
field, u/Pr was caused by molecular diffusion, while u:/o; was due
to turbulent fluctuation. The model coefficients and constants se-
lected were: c;=144, c;=1.92, ¢,=0.09, 0,=1.0, 6.=13, 0=0.95.

Velocity and pressure boundary conditions were applied to the
inlet and outlet of the computational domain, respectively, while
symmetry boundary condition was applied to the two sides. The
bottom was heated by uniform heat flux, and the remaining solid
walls were non-slip and thermally adiabatic. The above boundary
conditions can be mathematically described as:

Inlet:
W = Wy, T;, = 300K (17)
Outlet:
oT
p=0, E =0, Tbackflow = 300K (18)
Two sides:

Ju dv _ow  OT

Fnon - an a0 (19)
Bottom:
aT
q:—k% (20)
Solid walls at the top and inlet/outlet:
u=v=w=0,q=0 (21)

where w, was the appointed flow velocity at the channel entrance
(wa=¢pU), and q was the uniform heat flux applied to the inner
facesheet.

The boundary conditions at solid/fluid interfaces did not need
to be specified since the momentum and energy equations were
automatically coupled to ensure the continuity of velocity, stress,
temperature and heat flux at these interfaces.

4.2. Numerical methods

A multi-block structured mesh incorporating fully hexahedral
elements was generated by Gambit 2.4.6 in all fluid and solid do-
mains. A commercial CFD code (ANSYS Fluent 14.5) was used to
solve the current problem [32]. The SIMPLE algorithm was applied
to couple the pressure and velocity for numerical analysis [33,34].
A second-order upwind scheme was applied to discretize the con-
vective terms in the governing equations. The iterative convergence
criterion was chosen as 10~3 for momentum equation and 10-6
for energy equation. For selected cases, these were verified to be
small enough to ensure the numerical results independent of the
selected values. To check the grid dependency, the number of ele-
ments was increased from 0.4 million to 2 million: for both cases,
the calculation results showed no difference.

5. Theoretical model of intersection-of-asymptotes for heat
transfer optimization

To optimize core structure parameters, a theoretical model to
maximize the heat transfer in sandwich-walled cylinder was es-
tablished. To this end, as shown schematically in Fig. 6, the in-
ner facesheet was heated by constant heat flux g, and the outer
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Fig. 6. Pressure drop and heat transfer in sandwich-walled cylinder: theoretical
modeling.

facesheet was adiabatic. The pressure difference between the inlet
and outlet was Ap through the sample of length L, and the pres-
sure at the inlet and outlet was assumed to be uniform. Therefore,
the flow velocities in different ducts (the upper and lower ducts
marked as u and d, respectively) of V, N, W or M cores were un-
equal as the flow resistance was dependent upon core topology. If
U was the average velocity in a channel, S was the cross-sectional
area and C was the wet circumference of the duct, the total mass
flow rate M and the total pumping power P could be expressed as:

M=2np (UySy + UySu) (22)
P=2nAp(U;Sq + UuSy) (23)

where n was the total number of core units along the circumfer-
ence.

Since the thermal conductivity of metal is much larger than
that of air, the heat flux (q) on the inner facesheet could be as-
sumed to be uniformly applied on the wetted surfaces in each
channel (qg). Heat flux on the wetted surfaces of each channel
could thus be calculated as:

. T R;
S hG !

Next, for each core type, theoretical expressions of heat trans-
fer and flow resistance of the sandwich-walled cylinder were de-
duced under two extreme conditions: (I) fully developed case and
(II) boundary layer case. Through asymptotic intersection of the
two extreme conditions, optimal structural parameters for each
core type were obtained. Given the constant heat flux boundary
condition, the objective of optimization was to minimize the tem-
perature rise of inner facesheet at the outlet, subjected to the con-
straint of fixed pressure drop or pumping power.

do (24)

5.1. Limit I: fully developed case

5.1.1. Flow resistance

Consider first the fully developed flow and heat transfer, which
means L— oo, or equivalently, the hydraulic diameter of the channel
D—0. In this case, each duct became sufficiently slender, and the
pressure drop (Ap) across the duct could be calculated as:

f-Re=64¥ (25)

where W was the flow shape factor of the duct [35]; f, Re were
the friction factor and Reynolds number, respectively, as defined in

Egs. (3) and (4). Combining the above equations led to:

ApD?
T 32pLvV¥ (26)
Substitution of (26) into (22) and (23) yielded:
nAp DﬁSd D2s,
M=6Ly < v, T, (27)
2 [/ D2S 2
_NAP” (Dica | Dudu (28)
16pLv \ ¥, v,

Upon combining and solving Egs. (26), and -(28), the average
velocities of each channel were separately expressed as functions
of Ap, M and P, as:

fixed pressure drop:
U, =0.031250 'L" =1, 1D2Ap (29)

U = 0.03125p’1L’1v’1\I";1D§Ap (30)
fixed mass flow rate:

Uy =050 'n "W, (D25, ;" + DS, W, ') ' D2M (31)

Us=0.50""n "W, (D2S,W; " + D25, ;1) DM (32)
fixed pumping power:

U, =0.1251170’5,070’5[,70‘5])70‘5 (Dgsd\yd—1 +D55uq’u,1)*0.5D5 \IJJ1PO.5
(33)

Ug=0.125n705p~05L-05-05(D25, w1 4 D25, W, 1) *D3w; 103
(34)

5.1.2. Heat transfer

Let the average temperature of fluid at the outlet of the channel
be Toyt, and the average wall temperature at the outlet be Ty).
Energy conservation dictated:

qoCyL = pcpUySy ng‘out.d - Tf,in;

35
QOCuL = pCpUuSu Tf,out,u - Tf.in ( )

For fully developed flow in a straight channel, Nu is constant
[18], namely:

90 .Di _ Ny
Tw.L,d;g-f.aul.d k d (36)

D
Tw.L,u*Tf.aul.u k — Nuu

where Nu, and Nuy are Nusselt numbers of upper and lower ducts,
which could be determined according to the shape of the duct [35].
Combining (29-36), one could obtain the average temperature rise
of channel wall at the outlet ATy (ATy=(TwLu-Trin+Twra-Trin)/2,
subscript 1 represents Limit I) in the fully developed case for fixed
pressure drop, fixed mass flow rate, or fixed pumping power, as:

fixed pressure drop:
AT = qoL[128Lvc,' Ap~" (WyD53 + W,D;?)
+k~'L71 (DgNug " + DyNu, ") (37)
fixed mass flow rate:
ATy = qoL[8nc, "M~ (D35, W, + D25, W, " )(WyDy>+W,D,?)
+k~'L7" (DgNug ' +DyNu, ') | (38)

fixed pumping power:

AT, = qOL[32”0'5[)70'5(3;]L0‘5U0'5P70'5 (Dﬁsd\pgl + Dﬁsu\pu,])05 (\I"dDJB + \IJUD,:3) + k111 (DdNU;] + DuNugl)] (39)
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5.2. Limit II: boundary layer case

This case implies L—0, or equivalently, the hydraulic diameter
of the channel D— co. The flow in a single channel was in the state
of boundary layer flow: only near the solid wall the velocity and
temperature would vary; outside the boundary layer, the flow was
non-viscous free flow, independent of friction and heating of the
solid wall. Under this extreme condition, the solutions of boundary
layer flow could be used to approximate the flow and heat transfer
of sandwich-walled cylinder.

5.2.1. Flow resistance
Balance of pressure and friction led to:
CLty = SAp (40)

The average wall shear stress t,, could be obtained from the
solution of boundary layer flow of a flat plate [18], as:

27,/(pU?) = 1.328Re; °° (41)
Re, = UL/v (42)

Upon rearranging (40)-(42) and considering the definition of
hydraulic diameter (D = 4S/C), the average flow velocities through
the upper and lower ducts of the core unit cell were derived as
functions of pressure drop:

Ug = 0.5214D Ap} p~3v-3L-3 (43)

Uy = 0.5214D] Api p=3v-3L-3 (44)

Upon substituting (43) and (44) into (22) and (23), the average
velocity of each duct was obtained for:

fixed mass flow:

-1
Ug = 0.5Mn"1p~'D] (Djsd +D§Su) (45)

1
Uy = 0.5Mn~"p~'D} (Dfsd +D] su) (46)

fixed pumping power:

i

2 2 2 1 1 2 2 - 2
Uy=0.5127P5n % p=5v =503 (D; Sq¢+D; Su> D; (47

2 2 2 1 1 2 2 *% 2
Uu:0.5127P§n’§p*§v*§L’3(D;Sd-i—DgSu) D;  (48)

5.2.2. Heat transfer
Under uniform heat flux, the solution of external flow along a

flat plate was [18]:
q X

1
Nug = — 3 . % _ 0.453PRe?

T R (05 <Pr<10) (49)

Temperature rise of channel wall at the outlet of upper and
lower channels in each unit needed to satisfy:

[ N
{TWM — Tfin = 2.208qok 'Pr 35U, L3 v (50)

Twsu — Trin = 2.208qok1Pr-3U; *Liv

1
2
1
2

Substituting (50) into (43)-(48) led to the wall temperature rise
ATy (AT =(Ty,1u-Tfin+Tw,a-Tfin)/2, subscript 2 represents Limit 1I)
at the outlet of each channel, as:

fixed pressure drop:

1

_1
ATy=3.057goL3 vik—'Prap—ip} (Df +D[,%> (51)

5 —=—CFD
Fully-developed limit

— Developing limit

Fig. 7. CFD validation of intersection-of-asymptotes model with fixed pumping
power of P =3 W.

fixed mass flow rate:

101 -3 111 2 2 3 1 _1
AT2:3.122q0L7mk4Przvrznfpf(Dgsdwgsu) (Dd3+Du3)
(52)

fixed pumping power:

1 1

_1 1
= pik-1prP-tnt ot (D3 3 : -3, p3

ATy =3.083qoL5v5k™ PrP~5n5 p5(D; Sy + Dy Sy D,*+D,
(53)

5.3. Validation of the intersection-of-asymptotes model

For a single-layer core as shown in Fig. 2, take the condition
of fixed pumping power as an example. In the limit I of fully
developed case (D—0), Eq. (39) showed AT~D-2, implying that
the thermal resistance decreased with increasing D at the power
of 2. In the limit case II of the boundary layer case, however,
it followed from Eq. (53) that AT~D~1/°: that is, the thermal re-
sistance decreased with the increase of D at the power of 1/5.
Therefore, the speed of change in thermal resistance dramatically
changed from limit I to limit II. As a consequence, by employ-
ing the intersection-of-asymptotes model, optimal core structure
parameters could be obtained at the intersection of heat transfer
curves (i.e., AT; = AT,) of the two extreme conditions.

For illustration, consider core type N. Let the inner and outer
radii of the cylinder, the thickness of facesheet, and the height of
core be all fixed. The optimal unit number n (i.e., the optimal heat
dissipation area) was obtained under the fixed pumping power
condition. To validate the theoretical model prediction, CFD sim-
ulations with the laminar flow model (which will be validated in
the next section) were carried out and results from the two ap-
proaches were compared with each other. As shown in Fig. 7, when
the pumping power was fixed at 3 W, in the fully developed case
the overall heat transfer coefficient increased with increasing unit
number n, while in the boundary layer case the overall heat trans-
fer coefficient decreased with n. Therefore, to maximize the overall
heat transfer efficiency, there must exist an optimal n, which oc-
curs at the intersection point of the two asymptotes. The numerical
results also verified the theoretical model: the overall heat transfer
coefficient increased first and then decreased as the unit number
was increased, and the optimal number of core units was around
16 in the example considered.
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Fig. 8. Comparison between experimental and numerical results for (a) heat transfer and (b) flow resistance for the N-15 sample.

6. Results and discussion

6.1. Analysis of laminar, transitional and turbulent flow in
sandwich-walled cylinder

The flow state in a sandwich-walled cylinder is influenced by
many factors such as the Reynolds number, the pore morphology
and the wall thickness. For a given core morphology, the flow state
may change from laminar, transition and turbulent flow succes-
sively as increasing the Reynolds number. Based on CFD and exper-
imental results, flow state in the core of test sample N-15 was an-
alyzed. The Nu-Re and f-Re curves obtained from experiments and
simulations were displayed in Figs. 8(a) and (b), respectively. To
identify the flow stage, both the laminar and turbulent simulation
results were presented and compared with experimental results.
The k-¢ turbulence model with standard wall function was used in
turbulence simulation, applicable in the fully turbulent flow region.
The results of Fig. 8 showed that the flow state in the N-15 sam-
ple could be divided into three regions according to the Reynolds
number, as elucidated below.

(1) In the laminar flow region (Re < 2200), the friction factor de-
creased linearly as the Reynolds number was increased, and the
Nusselt number increased with increasing Reynolds number but
the rate of increase was lower than that in the transitional or
fully turbulent regime. The experimental results fairly revealed
these typical features, and the laminar flow model predictions
agreed better with the experimental results than the turbulent
model in the laminar flow region.

In the transitional flow region (2200 < Re < 4100), the flow
began to be unstable, and small disturbances in the bound-
ary layer would affect the mainstream flow. Transitions could
be clearly observed from both the Nu-Re and f-Re curves. Due
to the complicated chaotic and unsteady flow nature, both the
steady laminar CFD model and the k-¢ turbulence model failed
to predict the experimental results well in the transitional flow
region.

In the vigorous turbulent flow region (Re > 4100), the friction fac-
tor became constant after a sharp decrease and transition in
the laminar and transitional regimes. Compared to the laminar
model, the k-¢ turbulence model predicted the trend more ac-
curately; although the experimentally measured friction factor
was higher than that predicted by the turbulent model, which
might be caused by the roughness of the sample made via 3D-
printing. Further, in terms of heat transfer, the k-& turbulence

—
N
—

(3

=

model was again much more accurate than the laminar model
relative to the experimental results in the vigorous turbulent
flow region.

Carlson and Irvine [36] investigated the friction resistance of
air flow in isosceles triangular ducts. The results showed that the
Reynolds numbers at the beginning of flow transition in different
ducts with the apex angles ranging from 4.01 to 38.8° were about
2000, which is similar to the critical Reynolds number (~2200) in
the channel of present triangular-cored sandwich-walled cylinder.

It should be pointed out that, due to the complexity of flow
transition and turbulence in the sandwich-walled cylinder, the
thermal performance of the sandwich-walled cylinders was con-
cerned only in the laminar flow region in the study. Therefore, in
other sections of the paper, the CFD results are all based on the
laminar CFD model.

6.2. Effect of core morphology on heat transfer and flow resistance

In this section, the effect of core morphology on heat transfer
and flow resistance was investigated in the laminar flow region us-
ing the laminar numerical model. Fig. 9 presented the heat transfer
and flow resistance curves of the five core types having identical
total surface area: I-61, V-35, N-15, W-22 and M-26. It was seen
that for the cores with homogeneous structure (i.e., uniform pore
size such as I-61, V-35 and N-15), core morphology significantly
affected heat dissipation. For example, the Nusselt number and
flow resistance of triangular cores (V-35 and N-15) were almost
the same for a given Reynolds number, while the heat transfer ca-
pacity of quadrilateral core (I-61) was 5%—20% higher than the tri-
angular cores: this advantage gradually increased as the Reynolds
number was increased. Nonetheless, the flow resistance of quadri-
lateral core was 10% higher than that of triangular cores at the
same Reynolds number.

For the V, W and M cores having the same triangular cells,
structural non-homogeneity (i.e.,, non-uniform pore size) also af-
fected heat dissipation. Specifically, the V core was homogeneous
while the W and M cores were non-homogeneous. Further, as the
inner triangle of the M core was smaller and its outer triangle was
larger, its non-uniformity was larger than the W core. Take the V-
35, W-22 and M-26 as an example, which had triangular cores and
identical heat dissipation area but were different in structural ho-
mogeneity. As shown in Fig. 9, with the Reynolds number fixed,
the three cores exhibited approximately the same flow resistance,
but their heat transfer capacity varied by about 10%. The Nus-
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Fig. 9. Comparison of five sandwich cores with different pore shapes but the same total surface area: (a) heat transfer and (b) flow resistance.
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Fig. 10. Temperature and velocity fields at the outlet (z = 100 mm) of different cores with identical heat dissipation area: (a) temperature; (b) velocity.

selt number of V-35 was higher than W-22 and M-26, with M-
26 showing the worst heat transfer performance. It might be con-
cluded that, with the same pore shape and the same total surface
area, a sandwich core with homogeneous pore morphology could
enhance the heat dissipation without increasing the flow resistance
at the same Reynolds number.

The present results also revealed that the influence of pore
shape was more obvious than pore homogeneity. For example,
the quadrilateral core (I core) had the best heat transfer perfor-
mance, whose Nusselt number and flow resistance were 15% and
10% higher than the triangular cores (V and N), respectively. How-
ever, for cores having identical pore shape but different structural
homogeneities, the deviation in heat transfer was only up to 10%
and structural homogeneity had negligible influence on flow resis-
tance.

The distinct influence of core morphology on heat transfer
could be explained from temperature and velocity distributions
in the sandwich structures. As shown in Fig. 10, both the veloc-

ity and temperature were distributed more non-uniformly in the
whole flow channel of the M core compared to other core types,
because the cell wall divides the cross-section of the M core into
two triangles of different areas. This distribution behavior implied
that the main fluid stream flowed through the central region of
the channel, with limited flow nearby channel wall. As a result, the
thickness of boundary layer nearby the wall of M core was greater
than the other core types, which would weaken the mixing of cold
and hot fluids, degrade heat transfer efficiency along cell walls,
and thus increase the wall temperature. On the contrary, for the
I core with open and wide flow channels, the velocity and temper-
ature distributions were more uniform across the whole channel,
enabling it to achieve the highest heat transfer efficiency under the
constraint of equal total surface area.

6.3. Optimum cell number of the sandwich core

In this section, the optimum cell number of each sandwich core
topology was determined at fixed pumping power. The best sand-
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Fig. 11. Optimization of unit cell number for each core type and corresponding maximal heat transfer performance: (a) optimal unit cell number plotted as a function of
pumping power; (b) comparison of maximal heat transfer coefficients among 5 core topologies, each having optimal unit cell number.

wich core among the five selected topologies can then be deter-
mined by comparing their maximum heat dissipation rates at the
corresponding optimum cell numbers. Firstly, the intersection-of-
asymptotes model, detailed and validated in Section 5, was used
to calculate the optimum number of unit cells for each core type
under different pumping powers. From the results presented in
Fig. 11(a), it was seen that the optimum number of unit cells
increased with pumping power. Secondly, because the theoreti-
cal model could not predict the actual heat transfer coefficient
but only the optimum number of unit cells, the CFD model was
adopted to calculate the actual heat transfer coefficient for each
core type once the optimum unit cell number was determined us-
ing the theoretical model.

Fig. 11(b) plotted the maximum rate of heat transfer that a spe-
cific core could achieve at the optimum unit cell number as a func-
tion of pumping power. Among the 5 core topologies (ie., I, V,
N, W and M) with optimum unit cell numbers, the I core exhib-
ited the highest rate of heat dissipation at a given pumping power,
while the M core yielded the lowest rate. Therefore, in terms of
overall thermal performance, the I core is the best topology among
the five selected topologies.

Although the quadrilateral core (I core) had the best heat trans-
fer performance, it was likely to buckle under small deformation
when subjected to out-of-plane compression. On the contrary, the
triangular core could convert certain compressive load into shear
load, thus significantly improving its critical buckling load. For load
bearing, therefore, the triangular core was superior to the quadri-
lateral core. The contradiction between heat transfer and load bear-
ing makes it necessary to consider the balance of these two aspects
in thermo-mechanical design of core structures. This issue will be
addressed in a future study.

7. Conclusion

Lightweight sandwich-walled cylinders are ideal candidates for
multifunctional applications such as simultaneous load bearing and
active cooling. In the current study, the thermo-fluid performance
of sandwich-walled cylinders with varying core morphologies was
systematically investigated by experimental measurement, numeri-
cal simulation and theoretical modeling. The main results obtained
were summarized as:

1 Comparing the numerical simulation results of both laminar
and turbulent flow models with the experimental measure-
ments revealed that, as the Reynolds number was increased,
flow in the channels of the sandwich-walled cylinder changed
from laminar (Re < 2200), transition (2200 < Re < 4100) to
vigorous turbulence stage (Re > 4100). The results provide use-

ful guidance for the selection of numerical models for different
flow stages.

2 Subject to the constraint of identical heat dissipation area, the
influence of pore morphology on heat transfer and flow resis-
tance of sandwich-walled cylinder was quantified. Pore shape
and pore distribution pattern played important roles in the heat
dissipation capacity of the cylinder. For uniformly distributed
pores, the heat transfer coefficient of quadrilateral cores was
5%—20% higher than triangular cores, at the expense of 10%
higher of flow resistance in the laminar flow range. For the
same triangular core, the non-homogeneity in pore structure
did not affect flow resistance but caused a 10% drop in heat
transfer coefficient.

3 Optimal unit cell number was obtained for each core type using
the intersection-of-asymptotes theory. Corresponding maximal
heat transfer coefficients for five different cores types were cal-
culated by CFD and compared with each other to search for the
best core design. Under the condition of fixed pumping power,
the I core (quadrilateral core) exhibited the best overall heat
transfer performance while the M core had the worst perfor-
mance.
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With the center of sandwich-walled cylinder taken as the origin XH = (RO tf) sin6, yu = tan® (74)
of coordinates, a plane rectangular coordinate system was estab- 5 5
lished. As a result, the horizontal and vertical coordinates of points X = 0.5,y = \/(RO - tf) —(0.5t) (75)
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3. N core
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The coefficient k satisfied Eq. (76). The surface areas of curved
triangles EFG and HIJ were:

XF
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0.5t

X
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0.5t
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X

The circumferences of curved triangles EFG and HIJ (i.e., wet cir-
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Xc =0,yc = yr — kxg (107)
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R'Lo \‘lB

. X 0.5¢,
xy = —0.5t, c059+51n9\/(Ro—tf)z—(0.5tc)2,yH: ta:Q sin@c
(108)
2
x; = 0.5t;, y; = \/(Ro —t)" = (0.5t,)° (109)

_ 0.5tc 4 (0.5ktc — yp) sin 0

ksin® — cosf (110)

XJ ,yJ = k(XJ — O.Stc) +yl

The coefficient k satisfied Eq. (76). The surface areas of curved
triangles EFG and HIJ were:

XF

SEFG=/|:I<(x—xF)+yF— (R,-+tf)2—x2i|dx (111)
0
X
Sy = /{ (Ro—tf)z—x2—[k(x—0.5tc)+y1]}dx
0.5t
" 0.5t
_ 2 2_( X Rol
+/[ (Ro—t5)" —x and +sin9>i|dx (112)

X

The length of straight edge GF, arc edge EF and the circumfer-
ence of curved triangle HI] were calculated as:

_ R 2
Corer = \/(Xc Xp)" + (Yo — YrF)
. YE _ Yr
+(Ri+ tg) (arctan XE arctan XF) (113)
2 2 2 2
Gy = \/(XI —x) +(-y) + \/(XH -x)" + (yu—w)
Wl YH
+(Ro — ty) (arctan ol arctan XH) (114)
The porosity was:
2(Sgrc + S
&p= 2(Sers + Sim) - 2””) (115)
(RZ—R2)0
The total heat dissipation area was:
5 = (CGF.EAF + CHU)L (116)
The hydraulic diameter was:
4(Sgrc + S
D— ( EFG Hlj) (117)
CGF gt Chy
5. M core

The horizontal and vertical coordinates of points A~] were:

Xa=0,yp=R; (118)

Xg = R;sinf, yg = R; cos 6 (119)

Xc = Rpsinf, yc = Ry cos (120)
xp=0,yp =Rp (121)
Xp = 0.5tc, yp = \/(R,. + tf)2 — (0.5t)? (122)
. 2 2 XF OStC
xp = —0.5t.cos6 + san\/(R,- +tp)" = (0.5t)%, yr = e
(123)
xc = 0.5t;, y¢ = k(0.5t. — xg) + yr (124)
xu = (Ro —t5) sin6, yy = XH (125)
f ’ tanf
2
X = 0.5ty = \/ (Ro—t5)” — (0.5 (126)
_ (0.5ktc —ypsinf

The coefficient k satisfied Eq. (76). The surface areas of curved
triangles EFG and HIJ were:

Xp

SerG = / [k(x—xp)+yF— (Ri+tf)2 —xz]dx (128)
0.5¢,
X
Shy = / { (Ro —t,r)2 —x2 — [k(x — 0.5t;) +y1]}dx
0.5t
i iV e X
+/[ (Ro—t5)" —x tan9i|dx (129)

X

The circumference of curved triangle EFG and the total length
of straight edge IJ and arc edge IH were given by:

Cerc = Yo —Ye+ \/(XG —xe)* + (V6 — ¥r)
+(Ri+t5) <arctan YE _ arctan E)
XE Xf

(130)

Cu,l?—l = \/(x] —x])2 +(n _YJ)Z"F (Ro —ty) (arctan % —arctan ?)

H
(131)
The porosity was:
2(Serc + Suy
£, = (229) (132)
(R5—R?)
The total heat dissipation area was:
S = (CEFG +C )L (133)
and the hydraulic diameter was:
4(Sgrc + S
D— ( EFG Hlj) (134)

Cerc + Cu.lf-[
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